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Abstract

The pantograph-catenary dynamic interaction is widely studied by computational sim-
ulations, which depend on accurate models to provide faithful results. In this paper,
we particularly deal with the modelling of the DSA-380 pantograph. Firstly, experi-
mental tests are conducted to evaluate the dynamic behaviour of the pantograph and
the importance of the non-linearities in it. The non-linear behaviour is evidenced if
a frequency response function changes when the excitation applied changes. In this
work, we identify the nature of the non-linearities and the specific parts where they
come from. Then, we create a model able to emulate the dynamics of the real pan-
tograph with a simple but effective design. The model is a lumped mass model with
a non-linear system for the pantograph head suspension, which includes geometric
non-linearities and dry friction. The model is able to reproduce successfully the fre-
quency response functions of the pantograph even though it is an uncomplicated model
in which only the necessary elements are included. Besides the development of the
model, this work also proposes an efficient strategy to integrate the dynamic equation
with Coulomb friction, showing good performance even with slip/stick transitions.

Keywords: pantograph, non-linear, modelling, experimental test, frequency response
analysis, pantograph-catenary interaction.
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1 Introduction

The pantograph-catenary interaction is widely studied by computational simulations
as demonstrated by the large collection of works that the benchmark exercise [2] in-
cludes. The accuracy of simulations relies on the formulation of the models, the fi-
delity of the topology, material properties and, in general, the similitude of every
modelled part with the real system. Some of those parts are simplified in the model;
others are defined using measurements, experimental adjustment or other techniques
that allow efficient modelling of the whole system and fidelity regarding the tangi-
ble arrangement. In fact, the simulations can be validated according to the European
Standard EN 50318 [3], which ensures the reliability of the results.

The pantograph model is responsible for a big portion of the simulation accuracy
and developing accurate pantograph models is a challenge. This is due to the high
number of pieces and the uncertainty of the dynamic behaviour of some parts that
are hard to model. For example, the presence of clearances, dry friction, non-linear
contact, etc. makes it very hard to describe a model that reproduces the dynamic
behaviour of the pantograph in a wide range of operating conditions.

The pantograph models featured in research works predominantly comprise lumped
mass models, as exemplified by [10], which effectively replicate the foundational as-
pects of pantograph linear dynamics within the 20 Hz frequency range. For the rep-
resentation of higher frequency components, it becomes imperative to account for the
elasticity in pantograph contact strips. This consideration is notably addressed in the
multi-mass system proposed by [7], which also incorporates the wear profile of the
contact strip. Furthermore, in the work of [8], the non-linear characteristics of the
pantograph damper are considered, emphasizing its significance within a rigid multi-
body pantograph framework. Another notable category of pantograph models is the
flexible multi-body, as the model developed in [1], which is an upgrade with respect
to rigid multi-body systems.

The accuracy of pantograph models is contingent upon effective parameter identifi-
cation. In this matter, [9] adopts a disassembly and testing approach, wherein different
components of the pantograph are subjected to individual tests to calibrate inertia and
dissipative parameters. After this process, a final evaluation of the assembled pan-
tograph is conducted with a unit-step load test. However, parameter identification is
commonly carried out in the literature by fitting dynamic measurements of the whole
pantograph.

Other features can be incorporated in the pantograph models, such as the non-
ideal joint that allows relative displacement considered in [11] within a flexible multi-
body pantograph. Additionally, external aerodynamic forces constitute another facet
of pantograph modelling, as shown in [5]. This work provides a detailed guide to
incorporate aerodynamic forces and assesses their influence on the contact force.

The present work deals with the analysis of pantograph non-linear behaviour: how
much non-linear models are necessary and how to develop those models. The im-
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Figure 1: DSA 380 pantograph.

portance of the non-linearities in the pantograph dynamics depends on every specific
model and it can be assessed by experimental pantograph tests. Also, different sources
of non-linearity (friction, geometric, contact, etc.) can be present in the different pan-
tographs and there is no general rule to find the right kind of non-linear model for
every case. Thus, here we study the pantograph DSA-380. Firstly, we collect the ex-
perimental measurements that evidence the pantograph non-linear behaviour; then, we
find the part of the pantograph where that behaviour originates and develop a simple
non-linear model that explains it.

2 Experimental analysis of the pantograph

DSA-380 is a model of pantograph employed in high-speed trains, which has the
arrangement shown in Fig. 1, where the main parts of the pantograph are distinguished
in different colours. The pantograph head is marked in blue, which has two contact
strips and is suspended with four oblique springs (marked in red). Those springs are
connected with the upper frame (marked in green), which in turn is joined with the
lower frame (marked in orange).

One of the most used techniques to describe the dynamic of the pantograph is the
use of Frequency Response Functions (FRF). Particularly, it is fairly common to use
the spectral ratio between the pantograph head vertical displacement and a vertical
force applied at the centre of the pantograph head. This kind of analysis is intended
for models with linear behaviour since they have unique FRFs. On the contrary, this
does not happen with non-linear systems since there is not an independent relation
between the different frequencies of the spectrum. However, it is possible to apply
non-linear Frequency Response Analysis (NFRA) to analyse non-linear systems and
quantify the level of non-linearity. In this case, a first-order frequency response func-
tion H1(ω) at frequency ω is defined as the spectral ratio of the response to the excita-
tion force when the excitation is a harmonic function of frequency ω and all the other
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Figure 2: First-order FRF measurements of the DSA-380 for different excitation am-
plitudes.

harmonic components are not considered. Since the first-order FRF depends on the
amplitude of the excitation and any other features of it, the particular excitation tech-
nique used should be determined and it is linked to the results. Here, pure (as far as
the control system allows it) sinusoidal displacement signals are repeatedly imposed,
varying the frequency to obtain the first-order FRF H1(ω) by computing every time
the force-frequency content at ω. The several FRFs obtained in the test bench for dif-
ferent amplitudes are shown in Fig. 2. The grade of non-linearity is evidenced by the
difference between the curves and it is more abrupt in some domains of the spectrum.

3 Pantograph model

After observing, in the previous section, the dynamic behaviour of the pantograph
we want to model, the objective is to find a model able to reproduce that. The strat-
egy we follow is to start by finding a linear model to evaluate how well or badly it
works and then we will try to find which are the non-linear features that are lacking to
explain/reproduce the experimental data.

3.1 Linear model

The conventional lumped mass model shown in Fig. 3 (a) is a well-established model
for pantograph modelling. Note that the colours employed in the figure are those of
Fig. 1 in order to relate the parts of the model with the parts of the pantograph. Note
also that the stiffness keq

1 represents the four oblique springs of the real pantograph.
This model has a FRF relating the displacement of the upper mass to the force

applied at the same point and the FRF is the same no matter how the excitation is
or if it is computed as a conventional or a first-order FRF. Thus, the linear model
cannot imitate the behaviour that we found in Fig. 2 with multiple curves. However,
we can try to tune the parameters of the model in order to fit the experimental curve
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Figure 3: (a) Three degree of freedom linear model and (b) three degree of freedom
model with Z-spring.

Figure 4: First-order FRF measurements of the DSA-380 for excitation of 0.25 m/s2

and the adjusted lineal model.

with the smallest amplitude (0.25 m/s2) since smaller amplitudes exhibit a more linear
behaviour. In Fig. 4 the result of this fitting is shown in which the linear model
is optimised to reduce the mean square error between both curves. The agreement
between both curves is acceptable but the model is not robust because it is only valid
for small amplitude and pure harmonic excitation.

3.2 Non linear model

After getting a linear model that fairly fits the dynamic behaviour of the pantograph for
small amplitudes and observing the non-linear behaviour in Fig. 2, the questions that
arise are: what model will be able to show a similar response as the observed in tests
and what lacks the linear model. Looking at the pantograph in Fig. 1, it is obvious that
the linear model is a vast simplification or more accurately a cluster of simplifications:
not considering geometric non-linearities of oblique bars, non including a non-linear
damper, lacking dry friction, not considering the flexibility of the bars, non-including
more degrees of freedom, etc. However, addressing all the simplifications is not the
most efficient way of solving the problem and it does not ensure that the model is
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Figure 5: Z-spring configuration and friction at the two joints.

(a) (b)

Figure 6: Z-spring movement when (a) friction block the bars and (b) friction is neg-
ligible.

going to be accurate.
We have found that the oblique springs of the pantograph head suspension, shown

in red in Fig. 1 can be responsible for most part of the non-linearities measured in the
tests. The suspicion comes from the fact that we have measured statically the equiv-
alent stiffness of the pantograph head suspension and the value differs significantly
(approximately half) from the equivalent stiffness keq

1 of the linear model, which was
obtained by means of dynamic measurements. This fact cannot be explained by a sim-
ple oblique pre-stressed spring; thus, a more thorough modelling is necessary. As it
can be seen in Fig. 1, every of the pantograph head springs is made up of three pieces:
there is a spring and two rods that connect it with the other parts of the pantograph by
revolution joints. This configuration can be modelled as seen in Fig. 5 also including
dry friction in the joints; it is going to be called Z-spring since its three parts arrange-
ment. Fortunately, this model can explain the different values found for the equivalent
stiffness keq

1 . When this stiffness is obtained by fitting the small-amplitude FRF, a
bigger value is found because, in that case, the friction forces are enough to constrain
the rotation of the rods and the Z-spring moves as shown in Fig. 6 (a). However, when
the stiffness is measured in a static test where the amplitude employed is much bigger
the friction forces are negligible and the Z-spring moves as in Fig. 6 (b), resulting in
a smaller equivalent stiffness.

Since the Z-spring non-linear system is seemingly important for the pantograph
dynamics and a linear spring could not be a good representation of the pantograph
head suspension, the Z-spring is going to be featured in the non-linear pantograph
model as can be seen in Fig. 3 (b). Note that this element is replacing four of the
pantograph oblique springs because we assume here that the movements of all of
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Figure 7: First-order FRF obtained by simulations of the three degrees of freedom
with Z-spring model (coloured lines), linear model 1 (dashed line) and linear
model 2 (dotted line) for different excitation amplitudes.

them are the same. Note also that the model has gone from the three d.o.f. of the
linear model to the 5 d.o.f of this one that includes the angles α and β of the two rods
(see Fig. 5).

With the inclusion of the Z-spring, some extra parameters have to be defined in
the model. The lengths of the bars can be measured but the stiffness and undeformed
length of the spring and the maximum friction moment at the joints M0 have to be
adjusted without disassembling the pieces. Those parameters can be optimised to
reduce the mean square error with respect to the experimental data.

The non-linear model can be simulated following the method explained in Section 4
to compute the first-order FRF using harmonic displacement excitation with different
amplitudes. The results are shown in Fig. 7 where similar curves to the experimental
ones (Fig. 2) are observed. This fact implies that the non-liar behaviour is mainly
explained by the Z-spring system and other simplifications adopted in the model are
not as important as the linearization of the pantograph head suspension.

The behaviour of this model is non-linear and complex, but it is possible to provide
an understanding of its dynamic with two linear models. Those are obtained by lin-
earising the non-linear model using two different hypotheses. The first linear model
assumes that the friction is enough to constrain the rotation of the revolution joints so
the rods of the Z-spring are fixed as in Fig. 6 (a). The second linear model assumes
that the friction is zero and the movement corresponds with the one shown in 6 (b). In
Fig. 7, the FRF of those two models are plotted with the dashed and dotted black lines
respectively. The movement of the non-linear model seems to be bounded by the two
linear models and there are zones where the non-linear model is very similar to one of
the linear models because the corresponding hypothesis is true.
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4 Numerical methods

This Section is devoted to explaining the mathematical procedures carried out in the
previous sections to simulate the pantograph model. The first step is to gather the
degrees of freedom of the non-linear model (Fig. 3) in a vector:

u = [u1 α β u2 u3]
⊤ (1)

those are governed by the equation:

Mü+Cu̇+ Fe(u) + Ff(u̇) = F (2)

where M, C are the mass matrix and damping matrix, Fe is the elastic generalised
forces in degrees of freedom, Ff is Coulomb friction generalised forces and F the
external forces. The elastic forces coming from the Z-spring have a non-linear formu-
lation whereas the others coming from the linear springs can be written linearly, thus,
the elastic forces can be expressed as:

Fe = FeNL +KLu (3)

where FeNL is the non-linear elastic forces and KL is the stiffness matrix that only
considers the linear springs of the model.

The Z-spring is formed by two rigid rods of lengths L1 y L2 and a spring of stiffness
k. This element elastic forces are derived by differentiating potential energy with
respect to the d.o.f. in compliance with the Euler-Lagrange equation. :

Ep =
1

2
k(l − l0)

2 (4)

where the length l is:

l =
√

(L1Cα + L2Cβ − d)2 + (−L1Sα − L2Sβ + u2 − u1)2

Cα = cosα; Sα = sinα; Cβ = cos β; Sβ = sin β
(5)

where d is the horizontal distance between the two joints. Deriving the potential en-
ergy we find:

FeNL =

2k1(l − l0)

l


u1 − u2 + L2Sβ + L1Sα

L2Cβ(u1 − u2 + L2Sβ + L1Sα)− L2Sβ(L2Cβ − d+ L1Cα)
L1Cα(u1 − u2 + L2Sβ + L1Sα)− L1Sα(L2Cβ − d+ L1Cα)

−(u1 − u2 + L2Sβ + L1Sα)
0

 (6)

The Coulomb friction at the two revolution joints of the Z-spring (see Fig. 5) is de-
pendent on the velocity of the d.o.f. The maximum friction allowed is M0 and the
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hyperbolic tangent function regularises the Coulomb law:

Ff = M0


0

tanh τ α̇

tanh τ β̇
0
0

 (7)

where τ determines how soft the function is, the higher τ is the higher the accuracy,
but it exhibits lesser numerical stability. A value of τ = 1000 s has been chosen since
bigger values do not improve accuracy significantly.

Finally, the mass M, damping C and stiffness KL matrices are obtained by assem-
bling by including the masses, linear dampers and linear springs of the model.

Once all the terms of Eq. (2) are totally defined, it can be solved by carrying out
an integration scheme algorithm. This problem implies certain difficulties since the
Coulomb friction provokes unceasing shifts between slip and stick state. A strategy
to solve this kind of problem is presented in [6], in which a specific regularization
of the Coulomb law and the 4th order Runge-Kutta scheme is employed. However,
after applying that method in this case, we found that the method requires too small
time increment so the computational cost was high. Thus we have choose to use
the HHT (Hilber-Hughes-Taylor) implicit integration scheme [4] and the Newton-
Raphson method to solve the implicit equation every time step. However, the Newton-
Raphson method has convergence issues when applied to this problem; frequently the
iterative solution jumps between two states S1 and S2 as shown in Fig. 8. This prob-
lem is solved if the tangent matrix is modified by altering the derivative of the tanh
that appears in friction law. Originally the derivative of tanh is:

g1(α̇) =
d tanh α̇

dα̇
= sech2α̇ (8)

the proposed fake derivative g2(α̇) is the slope of the line defined by the origin and the
point where the derivative is evaluated (see Fig. 8):

g2(α̇) =
tanh α̇

α̇
(9)

Changing g1 by g2, the convergence issues does not longer appear and using g =
0.5(g1 + g2) reduces the number of iterations.

This approach has demonstrated significantly less computationl cost compared to
the fourth-order Runge-Kutta method, primarily due to its capacity to accommodate
substantially larger time steps while maintaining equivalent accuracy levels. As a gen-
eral guideline, the suggested technique achieves comparable accuracy to the ODE45
function in Matlab® , utilising a time increment 2000 times larger and requiring 250
times less computation time. For the results of this work, we use a 2 ms time step and
a numerical damping of α = −0.3
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Figure 8: Regularisation of Coulomb law and modified derivative for improving con-
vergence of Newton-Raphson method.

5 Conclusions and contributions

In this paper, a specific pantograph is studied in order to develop a model that repro-
duces its dynamic behaviour. Experimental tests of the pantograph are performed and
the frequency analysis allows recognising the presence of non-linearities in the panto-
graph. Therefore, the pantograph model has to be able to exhibit non-linear features
like the one found in the tests. We have designed a pantograph model, considering
only the essential features, which provides a good agreement with the measurements
while also giving a clear understanding of its non-linear dynamics. The challenge of
this work is to find the non-linear model that fits well the dynamic of the pantograph
since there is no general rule to model non-linear systems and the pantograph is a
complex mechanism with a lot of pieces of different kinds. The key element that has
added the non-linear feature to the model is a Z-spring, which is a linkage of three
pieces with dry friction. The final conclusion is that linear models can be insufficient,
and non-linearities are relevant in pantograph dynamics. An additional contribution of
this work is the proposition of an efficient integration scheme to integrate the system,
reducing computational cost.
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